The handling characteristic is a classical topic of vehicle dynamics. Usually, vehicle handling is studied through the analysis of the understeer coefficient in quasi-steady-state maneuvers. In this paper, experimental tests are performed on an electric vehicle with four independent motors, which is able to reproduce front-wheel-drive, rear-wheel-drive and all-wheel-drive (FWD, RWD and AWD, respectively) architectures. The handling characteristics of each architecture are inferred through classical and new concepts. More specifically, the study presents a procedure to compute the longitudinal and lateral tire forces, which is based on a first estimate and a subsequent correction of the tire forces that guarantee the equilibrium. A yaw moment analysis is then performed to identify the contributions of the longitudinal and lateral forces. The results show a good agreement between the classical and new formulations of the understeer coefficient, and allow to infer a relationship between the understeer coefficient and the yaw moment analysis. The handling characteristics for the considered maneuvers vary with the vehicle speed and front-to-rear wheel torque distribution. In particular, an apparently surprising result arises at low speed, where the RWD architecture is the most understeering configuration. This outcome is discussed through the yaw moment analysis, highlighting the yaw moment caused by the longitudinal forces of the front tires, which is significant for high values of lateral acceleration and steering angle.
Introduction
The handling characteristics of a vehicle are key factors for safety and performance. Vehicle models for the investigation of the vehicle cornering response have been developed since the 1960s [1, 2] . The concepts of handling diagram and understeer coefficient were introduced in [3] , based on the linearized single-track vehicle model for steady-state cornering conditions. Further studies characterized the transient vehicle response, first by using the single-track model, and then with the progressive introduction of more advanced simulators, e.g., including non-linear tire force characteristics and suspension elasto-kinematics [4] [5] [6] [7] [8] .
In recent years there has been a shift of focus from the characterization of the vehicle cornering response to its alteration, and even complete redesign according to specified criteria, by using vehicle dynamics control systems. For example, this can be achieved through direct yaw moment control (DYC), i.e., the generation of a yaw moment caused by different longitudinal tire forces on the left and right hand sides of the vehicle. In first instance, DYC was obtained with the individual control of the friction brakes, to achieve stability control in extreme transient conditions, e.g., during emergency maneuvers [9, 10] . More recently, the advent of electric vehicles led to new powertrain architectures, such as layouts with multiple motors, e.g., one per axle or one per wheel [11] . These configurations allow torque-vectoring, i.e., they can allocate desired torque levels to each electric motor. Several studies (for example, [12] [13] [14] [15] ) propose continuously active torquevectoring controllers, with the purpose of designing the vehicle handling characteristic according to multiple driving modes selectable by the user. Such torque-vectoring-based DYCs were experimentally assessed on electric vehicles with multiple motors. These controllers require the design engineer to define reference yaw rate characteristics, which are based on the desired level of understeer [16, 17] and/or energy efficiency considerations [18] [19] [20] , and depend on vehicle geometry, tire-road friction conditions [21] , vehicle states, and driver inputs [16] . The reference yaw rate is usually compared online to the measured yaw rate, providing the basis for the calculation of the direct yaw moment [22] . In many cases the control strategy also considers the vehicle sideslip angle [14, 23] , which can be either measured or estimated [24] .
As discussed in [25, 26] , the longitudinal tire forces affect the cornering response also in vehicle layouts without torque-vectoring capability, depending on the operating conditions. [27] simulates two-wheel-drive and four-wheel drive architectures with open differentials, and analyses the yaw moment effects of the longitudinal and lateral tire forces. Such contributions generate differences in the cornering response of the front-wheeldrive, rear-wheel-drive and all-wheel-drive (indicated as FWD, RWD and AWD in the remainder) modes of the same vehicle. In particular, in a steering pad maneuver the RWD configuration resulted more understeering than the FWD and AWD configurations, which is contrary to the common belief [28] . The understeer reduction in the FWD configuration is caused by the destabilizing yaw moment of the lateral component -in the vehicle reference system -of the front longitudinal tire forces in traction. [29] studies the impact of different drivetrain architectures on the handling diagram at high lateral accelerations, by considering a generic oversteering vehicle. In [30] a simple strategy is introduced to enhance maneuverability via appropriate wheel torque allocation, and FWD, RWD and AWD layouts are considered. These studies present only simulation results; to the best knowledge, the only preliminary experimental assessment is in the authors' previous work [31] . On a related topic, [27] proposes a new definition of understeer coefficient in quasi-steady-state maneuvers, yet again there is not any experimental application of such concept in the literature.
This papers aims to cover this gap with the following contributions:
• The experimental validation of the new definition of understeer coefficient, and its explicit relationship with the handling diagram; • The computation of the tire forces starting from the vehicle test results, through a newly developed estimation and correction algorithm; • The development of a vehicle model able to justify the experimental results, including a detailed analysis of the individual yaw moment contributions; • The experimental assessment of the influence of the yaw moment on the cornering behaviour, with emphasis on the effects of the FWD, RWD and AWD modes on the measured handling diagrams.
The manuscript is organized as follows. Section 2 presents the test vehicle, the experimental tests and the adopted post-processing techniques. Section 3 focuses on the 
Experimental tests

Test equipment and procedure
The experimental study was conducted at the Lommel proving ground (Belgium), on the electric Range Rover Evoque prototype (Figure 1 ) of the European project iCOMPOSE. The vehicle demonstrator features four identical on-board drivetrains, each of them consisting of a switched reluctance electric motor, a double-stage single-speed transmission system, constant velocity joints and a half-shaft. The main geometric and inertial parameters of the vehicle are reported in Table 1 . The test vehicle included the following sensors: i) a steering wheel angle sensor, measuring the steering wheel input applied by the driver, δ w ; ii) a Corrsys Datron S − 350 sensor, installed on the front end of the car (see Figure 1) , providing vehicle sideslip angle, β DAT , at the measurement location, and vehicle speed, V ; iii) an Inertial Measurement Unit (IMU), measuring the longitudinal acceleration, a x , lateral acceleration, a y , and yaw rate, r; iv) wheel speed sensors, providing the angular speed of each wheel, i.e., ω ij , with i = 1, 2 (front, rear) and j = 1, 2 (left, right); and v) battery current and voltage sensors.
The tests consisted of ramp steer maneuvers at 30 km/h, 60 km/h and 80 km/h. The desired vehicle speed was maintained throughout the maneuvers by means of a PI (Proportional Integral) speed tracking controller, providing the total motor torque demand, T T , based on the difference between the reference speed and actual speed. The individual torque demands, T 11 , T 12 , T 21 and T 22 , were then calculated from T T depending on the drivetrain architecture to be emulated, i.e. FWD, RWD and AWD with 50 − 50 front-to-rear distribution. The vehicle control software was implemented on a dSPACE AutoBox system. In all tests, the wheel torques were evenly distributed among the leftand right-hand sides of the vehicle. This guarantees that the different cornering responses are only caused by the yaw moment due to the different front-to-rear torque distributions, which reflects the purpose of this study.
The test protocol was the following:
(1) The vehicle was accelerated from standstill to the reference speed in straight line, using the PI speed tracking controller; (2) Once the reference speed was reached, a steering wheel angle ramp was applied by the driver with approximately constant rate. A small value of steering wheel rate was selected, i.e. ≈ 2 deg/s, to make the vehicle operate close to its steady-state condition; (3) The test was considered completed when the vehicle yaw rate reached its saturation level; (4) Steps (1)- (3) were repeated for the selected vehicle speeds (30 km/h, 60 km/h and 80 km/h) and front-to-rear wheel torque distributions (FWD, RWD, AWD 50-50).
Signal processing and filtering
The relevant vehicle dynamics variables were obtained by combining the experimental measurements and vehicle kinematics, using the adapted ISO sign convention [32] . The value of sideslip angle at the center of mass of the vehicle, β (this location is the most commonly used in the literature, [14] ), was calculated from the sideslip angle measured at the Datron sensor location, β DAT , the yaw rate, r, and the longitudinal component of the velocity of the vehicle center of mass, u [33, 34] :
where f is the longitudinal distance between the front axle of the vehicle and the Datron sensor.
The steering ratio of the car can be considered constant only in first approximation, for limited values of the steering wheel angle. Owing to the high steering angle values of these tests, an experimental non-linear map was used to estimate the steering angles of the left and right wheels, δ 11 and δ 12 , as functions of δ w (Figure 2 ).
Appropriate filtering techniques were adopted to attenuate the effect of measurement noise. The input of the filtering process was the relevant part of the time history of each recorded signal, i.e. from when the driver applies the steering input to when the yaw rate saturates, as described in the test protocol. This was justified by the presence of swift changes of the signals just outside their relevant part (e.g. see Figure 4 ). The Matlab "filtfilt" function was used, which executes a forward-backward filtering, averting phase lags. However, "filtfilt" might introduce undesired boundary effects at the beginning and/or end of the time window of the filtered signal. Where needed, such boundary effects have been addressed through:
Method 1 (M1), extending the time window of the signal to be filtered, by introducing fictitious data, i.e., a predetermined amount of reflected copies of the signal, at the beginning and/or at the end of the relevant part of the signal. To implement it in Matlab, it is sufficient to expand the vector of the signal to be filtered, by adding the fictitious data where relevant, then "filtfilt" is applied and the fictitious part of the filtered signal is removed; Method 2 (M2), extending the time window of the signal to be filtered by a predetermined amount of time, at the beginning and/or at the end of the relevant part of the signal. To implement it in Matlab, it is sufficient to expand the vector of the signal to be filtered where relevant, and then apply "filtfilt". Finally, the extra part of the filtered signal is removed.
Based on the time history and the effect of each method, a careful analysis was performed for the measured signals. As a result, either M1, M2, or their combination, were adopted, with appropriate tuning parameters, i.e., the fictitious signal time length for M1, and the amount of extra time for M2. In particular, signal extensions were between 2 s and 5 s. Figures 3 and 4 show examples of filtered functions, using "filtfilt" only (Basic filter, in the legend) and the combination of "filtfilt" and M1-M2. The vertical lines represent the boundaries of the relevant part of the test. Figure 3 shows the effect of the reflection of the signal (M1) at the end of a maneuver, due to the significant reduction of the sideslip angle at the end of the test. On the other hand, Figure 4 shows the benefit of the extension of the timeframe (M2) slightly before the beginning of the maneuver. 
Numerical models for tire force computation
The longitudinal and lateral forces of each tire are needed to assess the influence of the wheel torque distribution on vehicle dynamics [27] . However, the experimental measurements on the case study vehicle demonstrator do not directly provide such forces. Hence, a vehicle model is used to estimate the tire forces from the measured signals. In Section 3.1 the longitudinal forces are estimated from the time histories of the individual motor torque demands (T 11 , T 12 , T 21 and T 22 ), while the lateral forces are estimated with a Pacejka tire model for pure cornering conditions, based on the time histories of estimated slip angle and vertical load on each corner. In Section 3.2 the vehicle force and yaw moment balance equations are considered, and the estimated longitudinal and lateral tire forces are corrected to match the measured longitudinal, lateral and yaw accelerations at each time step.
Tire force estimation
The double track model in Figure 5 is used to assess the longitudinal and lateral tire forces starting from the experimental measurements. The model considers the vehicle as a rigid body with mass m and yaw moment of inertia J, moving on a flat surface. The forces acting on the rigid body are: i) the longitudinal tire forces, X ij ; ii) the lateral tire forces, Y ij ; and iii) the drag force, F D , due to the aerodynamics and rolling resistance, which is assumed to be applied to the center of mass G. The self-aligning moments are neglected. δ 11 and δ 12 are the estimated steering angles of the front left and front right wheels, while the steering angles of the rear wheels are assumed to be zero. The vehicle geometry is assumed constant during the tests, and is described through the front and rear semi-wheelbases, a 1 and a 2 , the wheelbase, l, and the front and rear track widths, t 1 and t 2 . The longitudinal tire forces, X ij , of the driving wheels are obtained from the respective motor torque, T ij , by neglecting the inertial effects:
where τ is the motor-to-wheel transmission gear ratio and η is the efficiency of the electric motor and drivetrain. The longitudinal forces of the undriven wheels are assumed equal to 0. The lateral forces, Y ij , are assessed through the lateral force part of the Pacejka Magic Formula, PAC2002 [32] , neglecting camber angle and other secondary effects: [33] :
where δ 0 ij is the static toe of each wheel, experimentally measured, and the relationship δ ij (δ w ) is known for the tested vehicle (Figure 2) . The vertical loads, Z ij , are assessed from the measured longitudinal and lateral accelerations of the vehicle center of mass, a x and a y :
where g is the gravitational acceleration, k φ1 and k φ2 are the roll stiffness values of the front and rear suspensions, h is the center of mass height, d i is the i-th roll center height, d is the height of the intersection point between the roll axis and a y-z plane through the center of mass.
The load transfer model is intentionally simple, such that no information on secondary effects, such as suspension geometry, actual tire-road friction coefficient and tire temperature, is required within the process. The outputs of this stage are corrected by the algorithm described in the following section.
Tire forces correction
By neglecting the static toe, the longitudinal, lateral and yaw balance equations of the vehicle model in Figure 5 are: 
As discussed in Section 2.1, a x and a y are measured by on-board accelerometers. The yaw acceleration,ṙ, can be derived from the measured yaw rate, r. The steering angles of the front left and front right wheels are computed from the measured steering wheel angle, δ w , through the steering law shown in Figure 2 . The drag force, F D , is:
where γ is the air density, C x is the longitudinal aerodynamic drag coefficient, A f is the vehicle frontal area, u is the longitudinal component of the velocity of the vehicle center of mass, and F R is the total rolling resistance force, assumed constant. Eq. 6 can be rewritten in the compact form A x = b, where the parameter matrix, A, is:
with cosine and sine functions abbreviated respectively as c and s. The estimated tire force vector, x, is:
and the inertial and drag force vector, b, is:
At each time step: i) the elements of A are known from the measured steering wheel angle, the known steering law, and vehicle geometry; ii) the forces in b are calculated from the measured longitudinal and lateral accelerations, yaw rate and drag force equation (Eq. 7); and iii) the tire forces, x, are estimated as described in Section 3.1.
Due to the simplifying hypotheses introduced in the numerical model and the differences between the pure lateral part of the PAC2002 tire model and the actual tires on the car, the left and right terms in Eq. 6 are not equal in general. Hence, a vector ∆x is introduced to correct the estimated tire forces, x, such that the equilibrium is actually satisfied:
As A is not a square matrix, its pseudoinverse, A + = A T (AA T ) −1 , is required to calculate ∆x:
Owing to the pseudoinverse properties [35] , ∆x is the minimum norm vector that, added to x, allows the equilibrium equations to be satisfied. Eq. 12 contemplates all the components of ∆x in the same way, without considering that they may have different orders of magnitude. For example, if the lateral acceleration is high, the lateral forces at the inner tires are much lower than the lateral forces at the outer tires, because of the lateral load transfer. To obtain a more realistic estimation, a weight matrix W was introduced: 
Each diagonal element kk of W is the reciprocal of the vertical load acting on the tire considered in the k − th element of x, e.g.
21 because x 3 = X 21 in Eq. 9. This normalizes the contribution of each element of ∆x, i.e., each correction term (k − th element of ∆x, see Eq. 9) is proportional to the actual vertical load Z ij on that tire. In addition, two rows were added to the matrix A and to the vector b to guarantee X 11 = X 12 and X 21 = X 22 , which follows from the wheel torque allocation of the case study vehicle (see Section 2.1). The matrix A 1 and the vector b 1 are then defined as:
The definitions of A 1 and b 1 are valid for the AWD architecture, while only one additional row is necessary to guarantee X 11 = X 12 for the FWD layout and X 21 = X 22 for the RWD layout. The assumption of equal forces on the same axle is valid if the friction limit is not reached by any tire, otherwise dynamic equations for each wheel should be considered. The weight matrix is then introduced in the pseudoinverse definition [36] :
therefore the associated tire force correction vector, ∆x, is computed as:
Finally, the corrected tire forcesx are obtained as:
Results and discussion
This section discusses the results obtained directly from the experimental tests, and indirectly through the tire force estimation. Firstly, the understeer characteristics for each maneuver are derived, by using the classical and alternative definitions of understeer coefficient. Secondly, the tire forces are estimated and corrected with the procedure in Section 3. Such forces are used for the analysis of the different yaw moment components. Finally, the relationship between the understeer coefficient and the yaw moment is presented.
Understeer coefficients and handling diagram
To compare the handling of the vehicle for different speeds and drivetrain architectures, the understeer coefficient, K, is considered, using both the classical definition in [3] and the alternative definition proposed in [27] , denoted as "new definition" in the remainder.
In particular, the classical definition is:
where α 1 and α 2 are the front and rear slip angles in the single-track model andã y = u 2 ρ is the steady-state lateral acceleration, where ρ = r/u. From the congruence equations of the single-track model, the understeer coefficient is
whereδ is the steering angle of the front wheel in the single-track model, which can be calculated as the average of the steering angles of the front wheels, i.e.δ(δ w ) = δ11(δw)+δ12(δw) 2
. As discussed in [27] , the understeer coefficient can be computed considering a series of steady-state maneuvers at different lateral accelerations. Alternatively, the new definition of the understeer coefficient allows a good estimation of K during constant speed maneuvers at small constant steering angle rateδ (as described in Section 2.1): Figure 6 considers the ramp steer maneuver at 60 km/h for the RWD architecture and applies the classical and new definitions of understeer coefficient. As the maneuvers were performed in quasi-steady-state conditions, i.e., with a steering wheel angle rate of ≈ 2 deg/s, the understeer coefficient for the classical definition is computed from a y (t) instead ofã y . The plot confirms that the two formulations are equivalent for the whole range of lateral accelerations. Figure 7 reports the dynamic steering angle as a function of lateral acceleration for the considered vehicle speeds. At a glance, the handling characteristics are grouped together based on the vehicle speed. The maneuvers performed at 30 km/h show an oversteering behavior (K < 0) up to ≈ 8 m/s 2 , and then an understeering behavior up to the maneuver completion. On the other hand, the maneuvers at 60 km/h and 80 km/h exhibit an understeering behavior for the whole lateral acceleration range. When comparing the 
Tire force analysis
The longitudinal and lateral tire forces are computed for each test according to the procedure in Section 3. Considering the 60 km/h RWD test, Figure 8 shows the longitudinal forces, firstly estimated as described in Section 3.1, and then corrected to satisfy the force and moment balance equations, as described in Section 3.2. Figure 9 reports the estimated and corrected lateral forces for the same test. The correction is small for the longitudinal forces of the driven wheels, while the undriven wheels are not shown because they do not exert any appreciable force. The lateral forces from the Pacejka model are generally lower than the corrected ones, especially at the rear tires for low lateral accelerations. The difference can be ascribed to the simplifying assumptions in the tire model considered for the estimation, where the secondary effects are neglected, e.g. camber and temperature, and the adherence factor is assumed equal to 1, without information on the actual tire-road friction coefficient. Moreover, the self-aligning moments are neglected in the vehicle model (Eq. 6). However, these assumptions are acceptable for a first approximated estimation of the forces, because the implemented correction guarantees the force and moment balance at the vehicle level. In order to verify that the corrected values of the forces did not overcome reasonable friction limits, the adherence index is computed as the ratio between the total tangential force exerted by each tire and the respective vertical load:
Figure 10 (right) shows the adherence index computed for all the tires during the ramp steer at 60 km/h with RWD layout. The maximum adherence is ≈ 1.15 for the internal tires and ≈ 0.8 for the external ones. This difference is caused by the dependence of the friction coefficient on the vertical load [34] , i.e., the friction coefficient tends to decrease with the vertical load, which is higher on the external tires at high lateral accelerations. Figure 10 (left) shows the adherence index computed for the same test without introducing the weight matrix W , which is substituted by an identity matrix. In this case the results are slightly different, especially for the internal tires, where the adherence of the internal front tire is underestimated, while the adherence on the internal rear tire is overestimated. The weight matrix W was introduced to reduce the correction on tires with low vertical loads, by guaranteeing that the correction on those tires weighs more in the computation of the least square norm correction vector ∆x. Figure 10 .: Adherence index obtained by correcting the forces without (left) using the weight matrix W and (right) by using the weight matrix W , for the 60 km/h RWD test.
Yaw moment analysis
The total yaw moment, N , can be split into three terms, in accordance with the righthand side of Eq. 6c:
such that Jṙ = N = N f + N y + N d . The term N f is the yaw moment contribution of the longitudinal front tire forces along the y-axis of the vehicle reference system. The term N y is the yaw moment contribution of the lateral forces acting on all tires. The term N d is the yaw moment contribution related to the components of the longitudinal tire forces along the x-axis of the vehicle reference system. Under the assumptions X 11 = X 12 and X 21 = X 22 , N d is always nearly zero, except for high steering wheel angle values, when δ 11 and δ 12 are considerably different and, consequently, the term X 12 cos δ 12 −X 11 cos δ 11 is not zero even if X 11 = X 12 . Figure 11 shows the yaw moment contributions for all maneuvers. In the RWD architecture the only yaw moment contribution is N y , as N f = 0 because no longitudinal force is exerted by the front tires. As shown in Figure 11a , for the 30 km/h maneuver, N is almost constant in the whole lateral acceleration range, except at the end of the maneuver where N decreases. When considering higher speed maneuvers (Figure 11b and Figure 11c ), N is higher at the beginning of the maneuver and decreases with the lateral acceleration, consistently with the yaw acceleration during the tests. In the FWD and AWD architectures, the contribution of N f is very significant; in particular, N f :
• Increases as the acceleration rises because, as discussed in [27] and [31] , both the steering angles, δ 11 and δ 12 , and the longitudinal forces, X 11 and X 12 , increase; • Is larger for low speed maneuvers, where, for a given value of lateral acceleration, the steering angle is larger; • Is more pronounced in the maneuvers performed with the FWD architecture because the total longitudinal force is exerted only by the front tires, and thus X 11 and X 12 are greater than for the AWD configuration.
By adding all the yaw moment contributions, the total yaw moment N is obtained for all the maneuvers, as shown in Figure 12 . Given a vehicle speed, the single yaw moment contributions in Figure 11 may have differences > 100 Nm. Even so, the total yaw moment is rather similar for all the architectures at a given speed, since the differences are within 10-20 Nm, and is affected by the driver behaviour during the test. Interestingly, for the 30 km/h maneuvers, in the FWD and AWD architectures N is greater than for the RWD architecture in the whole lateral acceleration range. In fact, with increasing lateral acceleration, the increase of N f is larger than the decrease of N y (see Figure 11) .
In order to understand the relationship between the yaw moment plot and the understeer coefficient and, consequently, the dynamic steering angle (Figure 7) , the definition of the understeer coefficient, as introduced in [27] , is recalled:
From this relationship it is clear that, for a given maneuver (defined by the time histories ofδ and u), the greater is N , the less understeering is the vehicle (lower K). Figure 13 reports the inverse of the yaw moment, i.e., (1/N ). Figure 13a shows that 1/N computed for the 30 km/h maneuver performed with the RWD architecture is always larger than for the FWD and AWD architectures, confirming the more understeering behavior of the RWD set-up at 30 km/h. At higher speed maneuvers, no particular differences arise, which confirms Figure 7 . It is worth remarking that N can be easily calculated from the yaw acceleration,ṙ, by multiplying it by J. Finally, the relationship between the dynamic steering angle ( Figure 7 ) and the total yaw moment is given by the following equation: 
which is obtained, for the first time, by integration of Eq. 26, considering quasi-steadystate conditions.
Conclusions
This paper compared the handling behavior of a vehicle equipped with four independent motors, which were controlled to emulate different drivetrain architectures. In particular, nine ramp steer tests were conducted at three different speeds, in the FWD, RWD and AWD modes. The cornering response was analyzed in terms of understeer coefficient and dynamic steering angle, as in the classical vehicle dynamics literature, with the additional consideration of the new formulation of the understeer coefficient proposed in [27] . A procedure to estimate and correct the longitudinal and lateral tire forces was presented. Based on the motor torque demands, a first estimate of the pure lateral tire force characteristics, and other measurements, the procedure finds a tire force distribution that satisfies the vehicle force and moment balance equations. A yaw moment analysis was performed with the obtained forces, to isolate the contributions of the longitudinal and lateral forces for the different maneuvers and operating modes. In particular, for the 30 km/h maneuver, a surprising result arised, as the RWD architecture resulted the most understeering. This can be ascribed to the destabilizing yaw moment produced by the longitudinal forces of the front tires, especially for high steering angles. Such yaw moment affects the vehicle dynamics in the FWD and AWD modes. The results of this paper confirm the relationship between the classical handling analysis and the yaw moment analysis, which explains the effects of the longitudinal forces on vehicle dynamics in quasi-steady-state conditions.
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